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Simultaneous heat and mass transfers occur when an evaporator coil works in a wet condition due to the
condensation of moist air. In evaporator modeling, overall fin efficiency is commonly used in heat
balance and mass conservation equations to calculate sensible and latent heat transfers. In this paper, to
analyze the simultaneous heat and mass transfer on the evaporator coils, a new concept, i.e. sensible and
latent fin efficiencies, is introduced. The result shows that the latent fin efficiency is generally not equal
to the sensible or the overall fin efficiencies. The proposed 1-D wet fin efficiency model has been vali-
dated by the extensive comparison of the model predictions against the experimental data on evaporator
coils with various configurations that include simple and complex refrigerant circuitry.

� 2009 Elsevier Masson SAS. All rights reserved.
1. Introduction

To make evaporator coils more compact and efficient, extended
surface such as continuous plate fins made of aluminum or copper
are added to the tube surface on the air side. The addition of fins to
the tubes greatly increases the outer surface area but at an expense
of decreasing the mean temperature difference between the
surface and the air stream. Thus, fin efficiency is introduced to
evaluate the heat transfer on the extended surface. Since the heat
transfer mechanism encountered on the wet fins where simulta-
neous heat and mass transfer prevails is different from that on the
dry fins, special attention is needed to the wet fin efficiency in
evaporator coil simulation.

McQuiston [1,2] suggested a working dual-potential method
introducing a C parameter to take into account the effect of the
mass transfer, which was taken as a constant value determined by
the moist air properties and the conditions at fin base. McQuiston
method is widely employed [3–6]. However, it is noted that this
analytical approach calculates the wet fin efficiency is based on
a formula modified from a dry fin. These assume a linear variation
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of saturated humidity ratio with temperature [7–9]. Comparison of
the models proposed by [8,9] shows that the results of McQuiston
method are significantly different. The wet-surface fin efficiency
predicted by McQuiston method decreases approximately linearly
with the increase in air inlet relative humidity. McQuiston method
fails to distinguish the difference between a partially wet fin and
a totally wet fin, thus it gives much higher fin efficiency for
a partially wet fin. In McQuiston method, a constant value of C is
assumed based on the conditions at the fin base. In fact, the
parameter C is not constant; it varies over the fin surface. At a high
air relative humidity, this method under-predicts the fin efficiency
due to the use of an unreasonably big C value at this condition.

In evaporator modeling, numerical distributed models are
commonly used, where the evaporator coil is investigated based on
numerous control volumes [3,4,10,11]. For each control volume,
when simultaneous heat and mass transfers occur on the air side,
both the energy and mass conservation equations are accordingly
needed. Hence, the fin efficiencies for the sensible heat transfer and
the mass transfer are needed in the computation. However, due to
the lack of data, the overall fin efficiency obtained by McQuiston
method is commonly used to calculate the sensible and latent heat
transfer [3,4].

An effort to analytically study the evaporator coils with complex
refrigerant circuitry under a humid environment is recently
reported by the authors [10,11]. The present investigation extends
the previous study both on theoretical modeling and the experi-
mental validations. A main effort is made to modify the governing
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Nomenclature

A heat transfer area (m2)
Cp isobaric specific heat (J kg�1 K�1)
d tube diameter (m)
h specific enthalpy (J kg�1)
ifg latent heat of moisture condensation (J kg�1)
k thermal conductivity (W m�1 K�1)
L tube length (m)
Le Lewis number
m mass flow rate (kg s�1)
Q heat transfer rate (W)
r fin radius (m)
t fin thickness (m)
T temperature (K)
DTm log mean temperature difference (K)
Uo overall-heat-transfer coefficient (W m�2 K�1)
W air specific humidity (kg kg�1)

Greek
asen heat transfer coefficient (W m�2 K�1)
am mass transfer coefficient (kg m�2 s�1)

d incremental element
f fin efficiency

Subscript
a air
fb fin base
d dew point
f fin
i inner
in inlet
lat latent
o outer
out outlet
r refrigerant
s saturated
sen sensible
t tube
tot total
w water, wet

Abbreviation
HTC heat transfer coefficient
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equations of the model on the air side by introducing a latent-heat-
transfer fin efficiency to compute the mass transfer. To validate the
modified model, numerous experimental data are collected to
compare with the model predictions.

2. Governing equations

A detailed evaporator model was presented previously based on
numerous control volumes [10,11]. The governing equations for
each control volume were provided along with the computation
algorithm. Here, special attention is given to modify the air-side
governing equations, in an attempt to reveal the heat and mass
transfer mechanisms and hence to improve the model accuracy.

2.1. Air-side heat transfer equation

The computation in the model [10,11] is based on an arbitrarily
small control volume, shown in Fig. 1. For a control volume, the heat
transfer equation on the air side can be expressed as:

dQtot ¼ Uo
�
dAt þ dAf

�
$DTm ¼ dQt þ dQf

¼
�
dQsen;t þ dQlat;t

�
þ
�
dQsen;f þ dQlat;f

�
(1)

The heat transfer on the tube surface can be obtained by:

dQt ¼ dAt$
h
aa;sen

�
Ta � Tfb

�
þ aa;mifg

�
Wa �Ws;fb

�i
(2)

where aa;sen and aa;m are the air-side sensible-heat-transfer co-
efficient and mass transfer coefficient respectively. Using the heat
refrigerant in refrigerant out

air in 

air out 

ha1 Wa1

ha2 Wa2

hr1 hr2

a b

Fig. 1. A control volume along a tube with fins.
and mass transfer analogy, the mass transfer coefficient aa;m can be
obtained by:

aa;m ¼
aa;sen

Le1�n$Cp;a
(3)

Using overall fin efficiency f, the heat transfer rate on the fins
can be readily obtained once the conditions at the fin base are
specified.

dQf ¼ f$dAf

�
aa;sen

�
Ta � Tfb

�
þ

aa;sen$ifg
Le1�n$Cp;a

�
Wa �Ws;fb

��
(4)

Thus, the heat transfer equation on the air side is expressed as:

dQtot ¼ aa;sen
�
dAt þfdAf

�
$

��
Ta�Ts;fb

�
þ

ifg
Le1�n$Cp;a

�
Wa�Ws;fb

��
(5)

Introducing a mass transfer factor C,

C ¼
Wa �Ws;fb

Ta � Ts;fb
(6)

Then, Equation (5) becomes:

dQtot ¼
�
dAt þ fdAf

�
$

�
aa;sen þ

ifg$aa;sen

Le1�n$Cp;a
C
�

$
�
Ta � Ts;fb

�
(7)

Hence, for wet surface, the overall air-side heat transfer coeffi-
cient aa;w can be expressed as:

aa;w ¼ aa;sen$

�
1þ

ifg$C

Le1�n$Cp;a

�
(8)

Thus, the overall-heat-transfer coefficient Uo in Equation (1) can
be given as:

1
Uo
¼ RaþRtþRr

¼
dAtþdAf

aa;w
�
dAtþf$dAf

�þ
�
dAtþdAf

�
$ðdo�diÞ

pðdoþdiÞdz$kt
þ
�
dAtþdAf

�
dAiar

(9)
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Consider the heat balance of the air,

dQtot ¼ ¼ dmaðha1 � ha2Þ � hw$dma$ðWa1 �Wa2Þ (10)

From Equations (7) and (10), the heat transfer equation of the air
side is finally obtained:

dmaha2 ¼ dmaha1 � aa;sen
�
dAt þ fdAf

�
$

��
Ta � Tfb

�

þ
ifg

Le1�n$Cp;a

�
Wa �Ws;fb

��
� Cp;wTfbdmaðWa1 �Wa2Þ

(11)

2.2. Air-side mass transfer equation

Using the heat and mass transfer analogy, the mass transfer
governing equation is given by:

dmaWa2¼ dmaWa1�
aa;sen

Cp;aLe1�n

�
dAtþflat$dAf

��
Wa�Ws;fb

�
(12)

where flat is the latent-heat-transfer fin efficiency, which will be
analyzed in the following section.

Meanwhile, the latent-heat-transfer rate dQlat can be
determined.

dQlat ¼
aa;sen$ifg
Cp;aLe1�n

�
dAt þ flat$dAf

��
Wa �Ws;fb

�
(13)

2.3. Wet fin efficiency

To solve the above air-side governing equations, wet fin effi-
ciencies are needed [12,13]. In literature, overall fin efficiency that is
obtained by the McQuiston method [1,2], is commonly used in the
calculation of sensible and latent-heat-transfer rates [3,11]. The
following mass transfer equation is used:

dmaWa2 ¼ dmaWa1�
aa;sen

Cp;aLe1�n

�
dAtþf$dAf

��
Wa�Ws;fb

�
(14)

In this study, the overall fin efficiency f is obtained from its
definition.

f ¼
dQf

dQmax;f
¼

#
h
aa;sen

�
Ta�Tf

�
þ

aa;sen$ifg
Le1�n$Cp;a

�
Wa�Ws;f

�i
$dAf

h
aa;sen

�
Ta�Tfb

�
þ

aa;sen$ifg
Le1�n$Cp;a

�
Wa�Ws;fb

�i
$dAf

(15)

Hence

Qf ¼ f$Af

�
aa;sen

�
Ta � Tfb

�
þ

aa;sen$ifg
Le1�n$Cp;a

�
Wa �Ws;fb

��
(16)

In some cases, the sensible and latent-heat-transfer rates on the
fins need to be analyzed separately, that is:

Qf ¼ Qsen þ Qlat (17)

Due to the unavailability of data, Oskarsson et al. [3] used the
overall fin efficiency to calculate the sensible and latent heat
transfers respectively:

Qsen ¼ f$aa;senAf
�
Ta � Tfb

�
(18)

Qlat ¼ f$aa;mAf ifg
�
Wa �Ws;fb

�
(19)

In other word, the first term in the Eq (16) is regarded as the
sensible-heat-transfer rate and the second term as the latent-heat-
transfer rate.
It is important to note that the sensible-heat-transfer fin effi-
ciency is not equal to the latent-heat-transfer fin efficiency or the
overall fin efficiency. To analyze the sensible and latent heat
transfers on the fins, the sensible-heat-transfer fin efficiency and
the latent-heat-transfer fin efficiency are introduced in this paper.
The latent-heat-transfer fin efficiency flat is defined as:

flat ¼
dQlat;f

dQlat;max;f
¼

#aa;m$ifg
�
Wa �Ws;f

�
$dAf

aa;m$ifg
�
Wa �Ws;fb

�
$dAf

(20)

Although the air-side governing equations (11) and (12) look
simple, the complexity of the heat and mass transfers on the fins is
in fact embedded in the solution of Equations (15) and (20).

For better understanding, the sensible-heat-transfer fin effi-
ciency is introduced as follows:

fsen ¼
dQsen;f

dQsen;max;f
¼

#aa;sen
�
Ta � Tf

�
$dAf

aa;sen
�
Ta � Tfb

�
$dAf

(21)

The relationships among the overall, sensible-heat-transfer and
latent-heat-transfer fin efficiencies are:

f ¼
Qsen;f þ Qlat;f

Qsen;max;f þ Qlat;max;f

¼
Qsen;max;f

Qsen;max;f þ Qlat;max;f
fsen þ

Qlat;max;f

Qsen;max;f þ Qlat;max;f
flat (22)

It can be observed that the overall fin efficiency f is the
weighted average of sensible-heat-transfer fin efficiency fsen and
the latent-heat-transfer fin efficiency flat.

With the sensible-heat-transfer and latent-heat-transfer fin
efficiencies, the sensible and latent-heat-transfer rates of the wet
fin are:

dQsen;f ¼ dQsen;max;f $fsen (23)

dQlat;f ¼ dQlat;max;f $flat (24)

Therefore,

dQf ¼ dQsen;max;f $fsen þ dQlat;max;f $flat (25)

Therefore, the latent-heat-transfer rate obtained by Equations
(12) and (14) are not identical due to the differences between the
overall and latent-heat-transfer fin efficiencies.

To determine the fin efficiencies, the 1-D numerical fin effi-
ciency model presented by Liang et al. [11] are quoted below.

In literature, the fin efficiency of a plate-fin-tube heat exchanger
is often approximated by a one-dimensional equivalent circular fin
having the same fin area. For circular fins, shown in Fig. 2, the
following heat balance equations are solved numerically to obtain
the fin temperature distribution.

r$
d2Tf

dr2 þ
dTf

dr
� r$

2aa;sen

kf $t
$
�
Tf � Ta

�
¼ 0 dry fin area

�
Tf > Td;a

�
(26a)

r$
d2Tf

dr2 þ
dTf

dr
� 2raa;sen

kf $t
$

��
Tf � Ta

�
þ

ifg
Le1�n$Cp;a

�
Ws;f �Wa

��
¼ 0

wet fin area
�
Td;a � Tf

�
ð26bÞ

Boundary conditions:

Tf

��
r¼ri
¼ Tfb;

dTf

dr

����r¼ro

¼ 0 (27)
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ri+1

Fig. 2. Schematic diagram of a circular fin having a same surface area as the fin cell
shown in Fig. 1b.
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The relationship between specific humidity and temperature at
saturated conditions is given by a polynomial expression obtained
from regression analysis.

Ws;f ¼
�
3:7444þ 0:3078Tf þ 0:0046T2

f þ 0:0004T3
f

�
� 10�3

0 � Tf � 30 �C ð28Þ

This is known as a boundary-value problem. The fourth-order
Runge–Kutta method is used to solve the above nonlinear differ-
ential equation. After the fin temperature distribution is obtained,
the fin efficiencies can be calculated.

f ¼

PN
i

h
aa;sen

�
Ta� Ti

f

�
þ

aa;sen$ifg
Le1�n$Cp;a

�
Wa�Wi

s;f

�i
$
h�

riþ1
�2�

�
ri
�2
i

h
aa;sen

�
Ta� Tfb

�
þ

aa;sen$ifg
Le1�n$Cp;a

�
Wa�Ws;fb

�i
$
�
r2

o � r2
i

�
(29)

flat ¼

PN
i

aa;m$ifg
�
Wa �Wi

s;f

�
$
h�

riþ1
�2�

�
ri
�2
i

aa;m$ifg
�
Wa �Ws;fb

�
$
�
r2

o � r2
i

� (30)

fsen ¼

PN
i

aa;sen
�
Ta �Wi

f

�
$
h�

riþ1
�2�

�
ri
�2
i

aa;sen
�
Ta � Tfb

�
$
�
r2

o � r2
i

� (31)

where Wi
s;f is determined by the fin temperature Ti

f using
Equation (28).

Case study is conducted to demonstrate the difference among
the three fin efficiencies. The sensible-heat-transfer coefficient and
the fin maximum possible heat transfer rate are calculated
according to the given fin geometric parameters.

The fin geometric parameters and flow conditions are given in
Table 1. In the computation, a constant sensible-heat-transfer
coefficient is employed over the fin surface. The heat transfer
coefficient is determined using the correlation proposed by
McQuiston [14]. In literature, a Lewis number value in the range of
Table 1
Geometric parameters and flow conditions.

Fin geometric parameters Values Flow conditions Values

Width 25 mm Air velocity 2 m s�1

Height 25 mm Air inlet relative humidity 20–95%
Fin inner radius 4.76 mm Air inlet temperature 28 �C
Fin pitch 2.5 mm Fin base temperature 7.2 �C
Fin thickness 0.12 mm Fin conductivity 220 W m�1 �C
0.9–1.0 is assumed for model that employs fin efficiencies and for
most traditional cooling models [1,3,15]. Zhou et al. [16] reported
that air-water vapor mixture have a Lewis number of around 0.9 at
atmospheric conditions for a wide range of temperature and
humilities. Thus in this study, an average value of 0.95 is used.

Fig. 3 shows that for a given inlet air dry-bulb temperature and
fin base temperature, the fin may work in dry condition, partially
wet condition and totally wet condition depending on the air inlet
relative humidity. For a partially wet fin, the fin efficiency decreases
rapidly with the increase in air inlet relative humidity. For a totally
wet fin, the effect of the air inlet relative humidity on the fin effi-
ciency is small. To explain this characteristic, the predicted result is
examined.

From the variation of fin heat transfer rate with air inlet relative
humidity, it is seen that for the given flow conditions, the partially
wet fin appears when the air inlet relative humidity is in the range of
26–38%. The results show that for a partially wet fin, both the actual
heat transfer rate and maximum possible heat transfer rate increase
with the air inlet relative humidity, but the maximum heat transfer
rate increases much more rapidly than the actual heat transfer rate.
This is because in the maximum possible heat transfer rate calcu-
lation, the entire fin were assumed at the fin base conditions, hence
the entire fin is treated as a totally wet fin, whereas in the actual heat
transfer rate calculation, the fin is only partially wet. Therefore, the
air relative humidity has much more effect on the maximum
possible heat transfer rate than on the actual heat transfer rate. For
a totally wet fin, the ratio of the actual heat transfer rate to the
maximum heat transfer rate remains approximately constant; this
explains the slight change of fin efficiency.

It can be observed in Fig. 4 that the overall fin efficiency f is the
weighted average of sensible-heat-transfer fin efficiency fsen and
latent-heat-transfer fin efficiency flat. The sensible-heat-transfer
fin efficiency and the latent-heat-transfer fin efficiency can be
determined from Eqs (21) and (20) after the fin temperature
distribution is computed. With the sensible-heat-transfer fin effi-
ciency and the latent-heat-transfer fin efficiency, the sensible-heat-
transfer rate and the latent heat transfer on the fins can be readily
obtained.

Fig. 4 shows the relationship among the three fin efficiencies. It
can be observed that the latent-heat-transfer fin efficiency is
generally not equal to the sensible-heat-transfer fin efficiency. The
results show that both the sensible-heat-transfer fin efficiency and
the latent-heat-transfer fin efficiency are strongly dependent on
the air relative humidity. Due to the fact that the overall fin
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Table 2
Test coil geometric parameters.

Geometric parameters Values Geometric parameters Values

Tube number in each row 8 Inner tube diameter 8.83 mm
Coil face area 0.213 � 0.213 m2 Fin density 394 m�1

Transverse tube spacing 25 mm Fin type Wavy-fin
Longitudinal tube spacing 21.6 mm Tube arrangement Stagger
Outer tube diameter 9.53 mm
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efficiency is the weighted average of sensible-heat-transfer fin
efficiency and latent-heat-transfer fin efficiency, the effect of the air
humidity on the overall fin efficiency is greatly tempered.

3. Experimental study

A main effort made in this study is to conduct the coil tests
under various flow conditions. The experimental data are then used
to validate the model predictions. The detail experimental set-up
can be obtained from Liang et al. [10].

Experimental data are collected from four evaporator coils using
the test rig, shown in Fig. 5. A total of 163 test runs are conducted on
four test evaporator coils under a variety of air and refrigerant flow
conditions using R134a as the refrigerant. The ranges of the test
parameters are as follows:

1) air inlet temperature: from 23 �C to 37 �C,
2) air inlet relative humidity: from 30% to 95%,
3) air coil face velocity: from 1.0 m s�1 to 2.8 m s�1,
4) refrigerant inlet evaporating temperature: from �2 �C to 17 �C,

and
axial fans 

tes
 inverters air

standard nozzle 

ai

Fig. 5. Schematic o
5) refrigerant outlet superheating temperature difference: from
2 �C to 12 �C.

The geometric parameters of the test coils are given in Table 2
and the respective refrigerant circuitry arrangements are illustrated
in Fig. 6. Coils 1 and 2 use simple refrigerant circuitry with three and
four tube rows respectively. To validate the model for evaporator
coils with complex refrigerant circuitry [10], Coils 3 and 4 are used,
where having the same tube number as Coil 1, the refrigerant
circuits are branched or joined in return bends.

On the air side, the enthalpies and specific humidities at the
inlet and outlet of the test coil are calculated from the measured air
dry-bulb temperatures and relative humidities at both locations.
On the refrigerant side, the enthalpies for single-phase refrigerant
are calculated based on the measured temperatures and pressures.
The enthalpy of the refrigerant at the inlet of the test coil is
determined by the enthalpy at the inlet of the expansion valve, with
the assumption of isenthalpic expansion.

The rate of heat transfer by the air is calculated based on the
following equation:

Qa ¼ ma
�
hin;a � hout;a

�
� Cp;aTwma

�
Win;a �Wout;a

�
(32)

The rate of heat transfer by the refrigerant is calculated based on
its enthalpy difference.

Qr ¼ mr
�
hout;r � hin;r

�
(33)

The range of the estimated uncertainties of the heat transfer
rates on the air side is from 3.94% to 9.97%, whereas the range on
the refrigerant side is from 0.68% to 0.8%. It is noted that the
uncertainty existing in the air-side measurement is much greater
than that in the refrigerant-side measurement. Thus, the coil
capacities deduced from the refrigerant-side measurements are
used in the ensuing comparison. A comparison of the coil capacities
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measured from the refrigerant side and the air side is done. Good
agreement is obtained with errors less than 3%.

The comparison between the model predictions and the
experimental data is presented in term of root-mean-square error
(RMS) and average error. Depending on whether an error is indi-
cated by a percentage or not, there are two types of error forms,
which are respectively defined as:

RMS error I ¼
"

1
N

XN

1

�
Xp � Xm

Xm

�2
#1

2

�100% (34a)

RMS error II ¼
"

1
N

XN

1

�
Xp � Xm

�2

#1
2

(34b)

Average error I ¼ 1
N

XN

1

�
Xp � Xm

Xm

�
� 100% (35a)

Average error II ¼ 1
N

XN

1

�
Xp � Xm

�
(35b)

where X is the parameter of interest, e.g. coil capacity. Generally, the
errors of coil capacity and pressure drop are presented using type I
form, while the errors of air outlet temperature, relative humidity
and the refrigerant outlet temperature are presented using type II
form.

The RMS error gives the arithmetic mean absolute error of the
data. The average error may sometimes give exaggerated agree-
ment due to the canceling of positive and negative prediction errors
but does give a general indication of over and under prediction.

4. Comparison

To simulate a coil with complex refrigerant circuitry, the
approach proposed by the author (Liang et al. [10]) is employed. In
evaporator modeling, correlations are needed to determine the
heat transfer coefficients and pressure drops, which include the
air-side sensible-heat-transfer coefficient, air-side pressure drop,
refrigerant-side single-phase and evaporating heat transfer co-
efficients and refrigerant-side pressure drop. Thus, it is necessary to
choose appropriate correlations in order to increase the accuracy of
the proposed model. As there are numerous existing correlations,
it is almost impossible to test every possible combination of the
correlations.
On the refrigerant side, the commonly used correlation
proposed by Jung et al. [17] is employed for the evaporating heat
transfer coefficient. This correlation, initially based on the experi-
mental data obtained with R22, R12, R152a, and R114, was further
validated by comparing it with R134a experimental data [18,19].
Meanwhile, the friction multiplier correlation and the loss factor for
return bends by Paliwoda [20,21] are used for pressure drop
predictions on the refrigerant side.

The air-side sensible-heat-transfer coefficient correlations used
in the model prediction tested against the experimental data are
listed below:

1) Elmahdy and Biggs correlation [23],
2) McQuiston correlation [14], and
3) Gray and Webb correlation [22]

In literature, the method proposed by McQuiston [1] for the wet
fin efficiency is widely used to the plate-fin-tube heat exchangers
[2]. However, this method assumes that the latent-heat-transfer fin
efficiency equals to the overall fin efficiency. Attempt has been
made to compare the McQuiston method with the proposed 1-D
numerical model.

Figs. 7–10 present comparison between the measured experi-
mental data (coil cooling capacity, refrigerant outlet temperature, air
dry-bulb temperature and relative humidity at the outlet of the coils)
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Fig. 9. Comparison of predicted air outlet dry-bulb temperature with the experimental
measurement.
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Fig. 8. Comparison of predicted refrigerant outlet temperature with the experimental
measurement.

Table 3
The average and RMS errors of the evaporator model predictions.

Parameters (a) (b) (c)

Sensible HTC
McQuiston
correlation

Sensible HTC Gray
and Webb
correlation

Sensible HTC Gray
and Webb
correlation

f: McQuiston
method [2]

f: McQuiston
method [2]

f: Equation (29)

flat: McQuiston
method [2]

flat: McQuiston
method [2]

flat: Equation (30)

Average RMS Average RMS Average RMS

Q 0.02% 2.5% 0.1% 2.5% 0.4% 2.1%
Tr;out �0.04 �C 3.8 �C 0.1 �C 3.8 �C 0.1 �C 2.9 �C
Ta;out �0.1 �C 0.4 �C �0.1 �C 0.4 �C �0.2 �C 0.4 �C
Rha;out �4.8% 6.1% �4.7% 6.0% �0.5% 3.5%
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and the model predictions using Gray and Webb sensible-heat-
transfer correlation in conjunction with McQuiston wet fin efficiency.
For most test cases, the coil capacity can be predicted with an error
within �5%, refrigerant outlet temperature within �5 �C, air outlet
dry-bulb temperature within �1 �C, and air outlet relative humidity
with 0% to �10%.

The average errors and the RMS errors of the model predictions
using McQuiston sensible-heat-transfer correlation in conjunction
with McQuiston wet fin efficiency against the experimental data
are given in Table 3a. The results indicate that there is no significant
difference among the model predictions when various sensible air-
side HTC correlations are used (Table 3a,b), it is also noted that the
same results are obtained when using the Elmahdy and Biggs
correlation. The results highlight that the model is insensitive to the
air-side sensible-heat-transfer coefficients when the refrigerant-
side conditions are specified. Hence, using various HTC correlations
will not improve the model accuracy.

To validate the modified model on the air side, the 1-D
numerical model for latent-heat-transfer and overall-heat-transfer
fin efficiency presented above is used in the evaporator modeling.
Figs. 11–14 are the corresponding comparison using the Gray and
Webb sensible HTC correlation in conjunction with the proposed
numerical fin efficiency model. The average errors and the RMS
errors of the model predictions against the experimental data are
collected in Table 3c. The results indicate that the evaporator model
gives a better prediction when the proposed numerical latent-heat-
transfer and overall-heat-transfer fin efficiency model is used.
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(1-D numerical fin efficiency model).
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Fig. 13. Comparison of predicted air outlet dry-bulb temperature with the experi-
mental measurement (1-D numerical fin efficiency model).
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measurement (1-D numerical fin efficiency model).
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To investigate the accuracy of the proposed theoretical model,
the outlet refrigerant temperature is chosen for comparison, as
shown in Figs. 8 and 12. It is noted that among the predicted
parameters (cooling capacity, refrigerant outlet temperature, air-
side outlet dry-bulb temperature and relative humidity), the
refrigerant outlet temperature is the most sensitive parameter. As
the coil capacity is the product of refrigerant mass flow rate and
enthalpy difference between inlet and outlet, the refrigerant outlet
temperature is closely related to the coil capacity when the
refrigerant mass flow rate and the inlet enthalpy are specified. A
small change on the coil capacity will result in a greater variation in
the outlet refrigerant temperature due to the low specific heat of
the superheating refrigerant. Compared with Fig. 8, it can be seen
from Fig. 12 that the mean deviation of the refrigerant outlet
temperature prediction against the measured results is signifi-
cantly decreased after using the 1-D numerical fin efficiency model.
Moreover, in comparison of Fig. 10 with Fig. 14, it is observed that
the model accuracy of predicting the air outlet relative humidity is
significantly increased after using the numerical fin efficiency
model. The average error is reduced from �4.7% to �0.5% and the
RMS error is reduced from 6.0% to 3.5%. Because the air relative
humidity is a function of the air dry-bulb temperature and the
moisture content, its accuracy may reflects the model prediction on
the sensible heat transfer and latent heat transfer. From the
comparison, it is validated that the 1-D numerical fin efficiency
model can predict the coil sensible heat transfer and latent-heat-
transfer more accurately. The improvement in the prediction of the
refrigerant outlet temperature is in fact the result of the improve-
ment in the air-side heat and mass transfer modeling.

The study shows that in evaporator modeling, the approach
used to model the wet fin efficiency has a significant effect on the
model prediction, while the choice of sensible air-side HTC corre-
lation has little effect on the model prediction.
5. Conclusion

To analyze the heat and mass transfer on the wet surface of
the evaporator coils, the sensible and latent-heat-transfer fin
efficiencies are introduced. It is important to note that the latent-
heat-transfer fin efficiency is generally not equal to the sensible-
heat-transfer fin efficiency or the overall fin efficiency. The results
show that both the sensible-heat-transfer fin efficiency and the
latent-heat-transfer fin efficiency are strongly dependent on the
air relative humidity. Due to the fact that the overall fin efficiency
is the weighted average of sensible-heat-transfer fin efficiency and
latent-heat-transfer fin efficiency, the effect of the air humidity on
the overall fin efficiency is greatly tempered.

The modified evaporator model has been validated by the
extensive comparison of the model predictions against the exper-
imental data on the evaporator coils with various configurations
which include the simple and complex refrigerant circuitry. The
study shows that the approach used to model the wet fin efficiency
has a significant effect on the model prediction. Particularly, the
accuracy of the model is significantly improved by the introduction
of latent-heat-transfer fin efficiency.
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